Mixed flow compresor design by Nevhutanda, Ndivhuwo Robert
COPYRIGHT AND CITATION CONSIDERATIONS FOR THIS THESIS/ DISSERTATION 
o Attribution — You must give appropriate credit, provide a link to the license, and indicate if
changes were made. You may do so in any reasonable manner, but not in any way that
suggests the licensor endorses you or your use.
o NonCommercial — You may not use the material for commercial purposes.
o ShareAlike — If you remix, transform, or build upon the material, you must distribute your
contributions under the same license as the original.
How to cite this thesis 
Surname, Initial(s). (2012). Title of the thesis or dissertation (Doctoral Thesis / Master’s 
Dissertation). Johannesburg: University of Johannesburg. Available from: 
http://hdl.handle.net/102000/0002 (Accessed: 22 August 2017).    








A dissertation submitted in fulfillment for the required degree of 




Supervisor: Dr Daniel M. Madyira 
Co- supervisor: Prof Japie van Wyk 
 
Department of Mechanical Engineering Science 
Faculty of Engineering and the Built Environment 
University of Johannesburg 




I, Ndivhuwo Robert Nevhutanda, declare that the work contained in this dissertation is my 
own original work. It has not been previously submitted for a degree or diploma at any 
other higher education institution. To the best of my knowledge, it contains no material 
previously published or written by another person except where due reference is made to 
another person’s work.  







I would like to thank God Almighty for his Grace and for giving me the strength and 
knowledge to tackle this project.  
Special thanks go to my supervisors, Prof. Japie van Wyk and Dr. Daniel M. Madyira, for 
giving me the opportunity to explore the topic of this dissertation. Indeed, it has been a 
great learning curve. 
My sincere gratitude goes to Mr. Gerhard Benadé and Tendani Makwarela who have 
helped me with profound insight into this project, and for helping me in compiling all of the 
acquired data from different sources. 
Finally, I would like to express my great love to my beloved family - who never gave up 
encouraging me, not only during the time spent on this dissertation, but also throughout 






The focus of this dissertation is the design of a mixed flow compressor stage with a 
pressure ratio of 3:1 running at 100 000 RPM with an air mass flow rate of 0,31 kg/s. The 
mixed flow compressor requirements were determined experimentally from a radial flow 
compressor on a laboratory based gas turbine engine. The radial flow compressor in the 
turbine engine was tested to determine the baseline requirements of the mixed flow 
compressor. The radial flow compressor was also numerically modelled to establish and 
verify the mixed flow compressor design methodology, as the mixed flow compressor falls 
under the family of radial flow compressors – except that the mixed flow compressor exit 
configuration and length differ from that of the radial flow compressor. The design 
methodology of the mixed flow compressor was also verified by the modeling illustrated 
in their mixed flow compressor design work, which covers both the design and testing. 
 
In this study, the Brayton cycle analysis was conducted using GASTURB software. The 
GASTURB cycle analysis used the engine parameters obtained from bench tests of the 
turbojet engine. This was used to generate and estimate the thrust, and the specific fuel 
consumption of the engine. The GASTURB software was also used to estimate the 
compressor performance prediction map. The type of compressor in which this 
requirement will be suitable was verified to be the mixed flow compressor, especially from 
the specific speed and diameter analysis using the bench test results.    
 
The major simulation tool or software package used for designing and predicting the 
impeller geometry is the NREC Concepts software package that includes COMPAL, 
which is the mean-line design program, AXCENT, which is the blade definition program 
for radial turbo machinery including three dimensional geometry generation and 
Pushbutton CFD, which is used to carry out three dimensional computational fluid 
dynamics (CFD) analysis. From this analysis and design approach, the mixed flow 




performance is also compared to the radial compressor performance as the running 
conditions are the same since the mixed flow compressor is intended to replace the radial 
compressor in the same turbojet engine. 
This study will assist mixed flow compressor designers in the preliminary design stage of 
developing the mixed flow compressor and understanding its performance. The efficiency 
prediction calculation was done using the specific diameter and speed analysis approach 
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CHAPTER 1:  INTRODUCTION 
1.1 Background  
Since 1990, Unmanned Aerial Vehicles (UAVs) have become a rising trend in military 
operations. High performance becomes an important requisite of UAVs especially in 
military applications [1]. However, the biggest challenge is the size and mass limitation 
on UAVs’ performance. These challenges require consideration of propulsion systems, 
which must have high power density and smaller size such as is available in small gas 
turbine engines.  
Since the 1980’s, there have been few empirical investigations on small gas turbines. 
Their small cross-sectional area leads to low efficiency and performance levels due to 
many factors including: 
● Low pressure ratio. 
● Poor combustion efficiency. 
● Difficulties manufacturing small components to equivalent tolerances. 
One potential solution to achieving high power density and to reduce diameter is the 
mixed flow compressor. Mixed flow compressors have the advantage of producing high 
mass flow rates and pressure ratios in a single stage in an engine with small cross–
sectional area. The centrifugal compressor is more common in the small and medium 
sized engines where the axial flow compressors have reduced efficiency levels. Lower 
part count and manufacturing cost brings advantage to the centrifugal compressor, which 
have large outer diameters at comparatively short axial length for the accommodation of 
a certain number of stages to produce an equivalent pressure ratio. The smaller the 
engine air mass flow rate, the smaller the blade height must be. Since the required 
absolute tip clearance cannot be downsized in the same scale as the stage dimension 
[2], the effect of relative tip clearance becomes more and more dominant – reducing the 
efficiency bonus of axial against the centrifugal compressor stage. Furthermore, there are 
lower limits of blade thickness, leading and trailing edge radii of axial compressor blades 
for mechanical and manufacturing reasons resulting in an efficiency drop while increase 




its domain in the small to medium size engines where the axial and centrifugal 
compressors have equivalent efficiency levels. lower part count and lower manufacturing 
costs,  brings more advantages for centrifugal compressors. 
Figure 1.1 shows that by splitting the diffusing system into a radial and an axial cascade, 
a significant reduction in the frontal area can be achieved using mixed flow compressor.  
 
Figure 1.1: Transition from the centrifugal to the mixed flow compressor [2] 
  
The frontal area of the centrifugal stage can be radically reduced by the introduction of 
the vaned bend diffuser. However, the decrease in the frontal area results in an overall 
efficiency penalty. The main aim of this configuration is to reduce the frontal area of the 
centrifugal compressor. This improvement can be attained by focusing on the impeller 
configuration, which means the conversion of the centrifugal impeller to the mixed flow 
type of impeller as shown on the right side of Figure 1.1. With the mixed flow configuration, 
an additional decrease of the outer diameter is attained at the cost of increased axial 
length and mass of the impeller.   
The centrifugal compressor has the potential of attaining up to five times higher pressure 
ratio than an axial flow compressor [2]. This is usually due to the high work input of 




However, the efficiency level of the centrifugal stage is usually lower than that of the axial 
stages, due to increased secondary and tip clearance losses. 
However, there is still a disadvantage for the conventional centrifugal compressor stage 
requiring diffusers with larger diameter. Thus, the frontal area per unit mass flow of a 
conventional centrifugal compressor stage is considerably higher than that of an axial 
stage. To decrease the frontal area of centrifugal compressor stage, various measures 
and configurations have been tried in the past, mainly focused at the diffusing sections.  
Figure 1.1 clearly shows the steps to achieve this reduction. It shows that the area 
reduction can be achieved by splitting the diffuser into two; radial and axial cascade; 
whereby a moderate inclination of impeller exit and radial cascade reduces the amount 
of turning in the meridional plane in front of axial cascade.  
The mixed flow compressor is one of the solutions as it has the ability to attain a higher 
mass flow rate and a higher-pressure ratio in a single stage for an engine with limited 
cross-sectional area [3]. A mixed flow compressor is a type of centrifugal compressor that 
has the meridional exit flow angle of between 0° and 90°. This geometrical feature makes 
the mixed flow compressor configuration advantageous in comparison to the others, as it 
combines the benefits of axial and centrifugal compressor. The centrifugal compressor, 
in this sense, is able to attain a high-pressure ratio in a single stage, whilst the axial flow 
compressor is able to obtain the high mass flow rate.  
The mixed flow compressor is able to combine the advantages of both radial flow 
compressor and axial flow compressor due to its configuration. With the mixed flow 
configuration, a further reduction of the outer diameter is achieved at the cost of increased 
axial length. The mixed flow compressor is a compromise between the centrifugal and 
axial flow compressors.  
1.2 Problem Statement 
1.2.1 Motivation 
The brief overview presented in the previous section has demonstrated the need for 
smaller and lighter gas turbine engines to power small UAVs, which are becoming more 




compressor and achieve the performance of the replaced radial flow compressor, while 
achieving on even smaller overall diameter. However, design procedures for integrating 
such compressors in small gas turbines are not well established. There is therefore, a 
need to develop a design procedure to develop mixed flow compressor stages for use in 
such small gas turbine engines. 
1.2.2 Aim of Research 
The aim of this thesis is to develop and demonstrate a methodology to design the mixed 
flow compressor that can replace radial flow compressors on a turbojet engine. Where 
the mixed flow compressor is composed of smaller overall diameter as compared to the 
overall diameter of the radial flow compressor. 
1.2.3 Objectives 
To achieve this aim, the following objectives must be met: 
1. To conduct a literature study on the current state of performance and design of 
turbojet engines and turbojet engine mixed flow compressor. 
2. To reproduce the design of a radial flow compressor in a small turbojet engine. 
3. To develop a numerical model to describe the behaviour of the compressor stage 
of a turbojet engine. 
4. To validate a numerical model of mixed flow compressor versus literature. 
5. To use the numerical model and other software to design a mixed flow compressor 
stage to replace the existing radial compressor. 
6. To draw conclusions based on the design process developed. 
1.2.4 Scope 
The scope of this work will be limited to the analysis and design of the mixed flow 
compressor for a small to medium scale turbojet engine. Engine performance will be 
determined from bench tests of an existing engine. Numerical modeling will be limited to 
NREC Concepts with Compal and AXCENT software. The limitation of this study is that 
full-scale computational fluid dynamics (CFD) and finite element method (FEM) stress 
analysis was not done on the mixed flow compressor due to time constraints. This study 





To determine the feasibility of replacing the existing radial compressor in small gas 
turbines with an equivalent mixed-flow compressor. 
1.4 Methodology 
In order to design the mixed flow compressor the following methodology will be used: 
1. Conduct a literature study of the radial flow compressor and its performance. 
2.  Produce the design of a radial flow compressor in a small turbojet engine. 
3. Reproduce a mixed flow compressor design from the literature  
4. Validate model of mixed flow compressor versus the literature. 
5. Design the mixed flow compressor to test the hypothesis  





1.5 Significance of the Research 
With this research, the methodology and preliminary design procedure for mixed flow 
compressors has been generated to assist and encourage designers or researchers to 
integrate mixed flow compressors in the design of small to medium scale turbojet engines. 
Another important aspect of this research is to make information available on the 
performance of the mixed flow compressors. In addition, the generated information will 
add value to the knowledge of mixed flow compressor design at the University of 
Johannesburg. 
1.6. Closing Remarks 
This dissertation is structured into six chapters. They are as follows: 
Chapter 1 deals with the background of the research. It introduces the reader to the 
conceptual schema of the entire research, the research aim and objectives, and sets forth 
the outline of the research.  
Chapter 2 gives a detailed study of the literature that is relevant to the current work. 
Chapter 3 presents radial flow compressor validation, which includes the turbojet engine 
testing and results. In this chapter the methodology to design mixed flow compressor will 
be validated using the radial flow compressor. 
Chapter 4 outlines the performance modeling of the mixed flow compressor. This chapter 
was essential to the research because it served the purpose of validating the design 
methodology used during the design process of the mixed flow compressor, and outlined 
the preliminary design and results from COMPAL[4] and AXCENT[5].. 
Chapter 5 covers mixed flow compressor detail design, discussion and results that will be 
obtained from COMPAL and AXCENT.  
Chapter 6 concludes the research by giving the major findings and conclusions from this 






CHAPTER 2: LITERATURE REVIEW 
 
2.1 Background Remarks 
This chapter presents detailed review of literature that is relevant to design mixed flow 
compressor. The topics covered include the principles of turbojet engine operation, 
performance and design principles of centrifugal compressors and mixed flow 
compressor as their principles of numerical analysis in gas turbine cycles are similar. 
2.2 Introduction 
A number of studies have been conducted on mixed flow compressor design. This 
includes the work by Eisenlohr [6] which was on aerodynamics design and investigation 
of mixed flow compressor stages. The work by Plehn [7] on mixed flow compressor stage 
design and test results with pressure ratio of 3:1 running at rotational speed of 31,971 
rpm is also worth mentioning. Similar work was done by Cervik [8] in 2009 covering design 
and optimization of a mixed flow compressor impeller using robust design methods.  
Other studies also include the 1950 work by NACA Goldstein [9]. 
 There have been challenges in the development of mixed flow compressors. Monig [10] 
continued developing these devices focussing mainly on highly loaded mixed flow 
compressors applied to gas turbine engines. In this study, Monig explicitly compares  
compressor types for the small gas turbine applications and presents the design of mixed 
flow compressor stage and tests with a pressure ratio of 3:1. 
2.3  Turbojet Engine 
The first stage of a turbojet engine is the compression of air using the compressor. The 
fuel mixed with the compressed air is then burnt in the combustion chamber passing the 
exhaust gases through the turbine and the nozzle stages where energy is extracted [6]. 
The power to drive the compressor is supplied by the turbine. In the process, the engine 
then transforms the internal energy from the fuel to kinetic energy [6]. The engine thrust 
is produced by the high speed gases leaving the nozzle.  An illustration of a typical turbojet 
engine is shown in Figure 2.1. The key components of the engine, i.e. the compressor 






Figure 2.1: Turbojet Engine [8] 
 
In order for the engine to perform efficiently and to produce thrust, the intake and exhaust 
systems are added to the gas turbine engine. The compression process does not only 
raise the pressure, but also the temperature and density. In the combustion chamber, the 
air is mixed with fuel. The process of combustion steeply increases the turbine intake 
temperature while the pressure remains constant.  
The function of the turbine is to transform the thermal energy in the gas into a mechanical 
work, and also to drive the compressor and other auxiliary systems for engine operation. 
It is also worth noting that the energy content of the hot gases is not useless when the 
gas leaves the turbine. The gases leaving the turbine are accelerated to high velocity in 
the nozzle to create a jet from which the aircraft propulsion is generated.  All these 
components work as a gas generator irrespective of the engine type [11]. 
 
2.3 Principle of analysis of centrifugal and mixed flow compressor 
The basic energy transfer principle of axial machines and radial machines are the same 
although the systems are geometrically different. Geometrically, radial machines differ 




(a) Significant changes of radius in the meridional plane, from inlet to outlet, for 
both rotor and stator. 
(b) Larger turning angles or change of direction of the velocity vector relative to the 
meridional plane in a single blade row. 
(c) Significant (up to 90°) change of meridional flow direction from inlet to outlet of 
the rotor. 
(d) Longer, narrower (lower aspect ratio), and more contorted flow passages so 
that the standard cascade methods are rarely used. 
Because of these aspects, especially (a) and (b), radial flow machines usually achieve 
higher energy transfer per stage than the axial flow machines [12]. One of the most 
important design features is that the radial flow machines achieve best design efficiency 
point at lower mass flow and a higher state energy transfer, than are impossible to achieve 
for the single stage axial machines. 
 Although radial machines operate better with smaller mass flow than higher mass flow 
rate, there have been a few cases where a direct comparison can be made between the 
two types of machine. Most of the comparisons and choices have been made based on 
the efficiency of energy conversion. The ruggedness and simplicity of radial flow rotors 
makes them more cost effective, it is believed that the lower attainable stage efficiency in 
radial flow versus axial flow stems from basic fluid dynamic reasons related to four points 
listed above.  
The lower efficiencies of radial flow stages also result from the economics of the historical 
market, for which the smaller unit capacity of radials puts less leverage on unit efficiency 
and more on keeping the manufacturing costs down. Since the emergence of the axial 
flow jet engine, major development programs subsidized by the US government, through 
NASA for example, have with few exceptions, placed little emphasis on efficiency in radial 
machines, and private companies have been reluctant to risk substantial investment on 
research and development. Radial flow turbo machines could potentially achieve 
efficiency levels close to those attained by axial flow if more research and development 




The compressor stage has four main states as illustrated in Figure 2.2. State 0 is the inlet 
state for compressor stage [11]. This state, namely State 0, is usually located where the 
relative flow speed is zero and where the stagnation and static conditions are essentially 
the same. State 1 is used to define the conditions at a location just ahead of the impeller 
blades. State 2 gives the impeller exit conditions, the conditions at the diffuser (stator) 
inlet. State 3 defines the exit from the diffuser, whilst State 4 is usually assumed to 
represent the outlet conditions for the compressor. In compressors, flow out of the diffuser 
is collected in a dump chamber or in a scroll from which the flow exits the stage at State 
4, usually at very low velocity.  
2.3.1 Radial compressor stage configuration 
 
 








Figure 2.2 show impellers also show blades with different degrees of backward lean at 
their exits, and they also show the use of partial blades between the main blades. These 
so called splitter blades decrease the loading of the main blades, because of their 
thickness. They create blockage effects and therefore must not extend down to the inlet 
plane.  
 
1. to turn or direct the momentum of the flow so that it may enter the rotor in an 
appropriate fashion. 
 









. In the case of the compressor, forward–leaning blades (𝛽
𝑏2
>0) cause work 
input to increase with flow, and backward lean (𝛽
𝑏2
<0) decreases work as flow increases. 
Range from surge to choke at constant speed can be increased by changing from vaned 
to vane less diffuser design, but generally at the sacrifice of stage efficiency. The range 
of surge and choke can also be increased by a change of impeller design [7]. 
 
2.3.3.1 Diffusion Limits in Impellers and Diffusers 
Impeller stall reduces stage efficiency, and is to be avoided in design. The centrifugal 
(radius change) effect requires some work input, but with a high loss penalty if the flow 
separates well upstream of the impeller’s exit. The failure of an impeller to recover some 
of its relative velocity as static pressure puts a greater burden on the downstream 
element, the diffuser (stator). Consequently, impellers, as well as stators need to be 
designed as diffusers for static pressure recovery, but the design choice should limit 
diffusion to avoid substantial stall in the impeller. Diffusion parameters called diffusion 
ratio (DR) or the Mach number ratio (MR2), are used for impellers, but the static pressure 
recovery coefficient, 𝐶𝑝, is used for vane less or vaned diffusers in the stator region. In 




the two diffusion parameters which are most likely to be used in practice are Mach number 
ratio and diffuser (stator) pressure recovery coefficient, 𝐶𝑝. 
The impeller Mach number ratio is in effect a diffusion ratio i.e. John [12]  
    𝑀𝑅2 =
𝑀𝑟𝑒𝑙,𝑙𝑡
𝑀𝑟𝑒𝑙,2𝑗
       (2.1) 
where 𝑀𝑟𝑒𝑙,𝑙𝑡 is the relative Mach number at the inducer tip (shroud) and 𝑀𝑟𝑒𝑙,2𝑗 is the 
relative Mach number obtained from the actual (real) static pressure at the impeller outlet 
together with the assumption of isentropic impeller flow . If one assumes that isentropic 
ideal flow fills completely the impeller exit area, then one obtains an ideal Mach number 
ratio, 𝑀𝑅2𝑖, a parameter which is related to 𝐷𝑅𝑖. Again, because of boundary layer 
retardation and flow separation, the ideal ratio is always greater than the real, i.e. 𝑀𝑅2𝑖 >
𝑀𝑅2.  
The diffuser pressure recovery coefficient is defined [12] as: 
    𝐶𝑝 =
𝑝3−𝑝2∗
𝑝𝑜2∗−𝑝2∗
     (2.2) 
Equations 2.1 and 2.2 were taken from John et al [12]. 
 
Where the * on the subscripts refers to a so-called “mixed out” condition at diffuser entry. 
To obtain 2* conditions at the diffuser inlet, it is assumed that the non–uniform flow leaving 
the impeller is suddenly and irreversibly mixed to a uniform, one–dimensional condition. 
Specific methods for computing the mixing “losses” differ slightly in different cases, but 
the differences are not important for the topic of this dissertation.    
Little has been done to date to correlate diffuser performance specifically for centrifugal 
stages. It has been shown that the total 𝐶𝑝 for the whole diffuser from 2* to 3 cannot 
reasonably be expected to exceed values typical of well designed, straight diffusers with 
small (thin) inlet throat blockage. For example, if area ratio from 2* to 3 is in the range 
2,5/1 to 3/1, one might achieve 𝐶𝑝 as high as 0,70 to 0,75 when density is assumed 
constant from 2* to 3.  For machines of higher pressure ratio, where Mach number, 𝑀2∗, 




lower recoveries overall, e.g. 𝐶𝑝 < 0,7, are achieved over the very narrow range of flows 
between surge and choke [12].  
Short vaneless spaces, used to reduce Mach number to subsonic values, are sometimes 
manipulated in these cases before the flow enters the vaned part of the diffuser. For 
stages which require a wide range of flows, from surge to choke, vaned diffusers cannot 
be used and one obtains even lower pressure recovery. Here, because of the wall friction 
effects (including 3D backflows), the long flow path of the stream between the narrowly 
spaced vaneless diffuser walls and the small area ratios (AR=𝑟3/𝑟2 seldom exceeds 1,8 
to 2,0), the values of 𝐶𝑝 may range from 0,5 to 0,6 [12]. Finally, in very small machines 
with low mass flow rates (0,45kg/s and less), such as automobile turbo compressors, 𝐶𝑝’s 
less than 0,5 are expected. In these small machines, surface–roughness effects or low 
Reynolds numbers and lack of space obtaining large area ratio, are factors which lower 
pressure recovery.    
 
2.3.3.2 Impeller Inducer Entrance Region Flow 
The effects of inlet guide vanes on the flow at the impeller inlet except when noting the 
swirl in the direction of impeller rotation reducing the angle of the inlet relative velocity 
and consequently reduce the diffusion required by the impeller, i.e., DR is reduced . 
However, positive inlet swirl also reduces the work input and pressure ratio compared to 
values that are obtained. Swirl is assumed to be zero. Because of these effects, swirl can 
sometimes be used effectively to obtain higher stage efficiency at specific speeds on 
either side of the narrow region of optimum specific speed (𝑁𝑆 = 80 to 100) [9]. 
The remainder of this section deals with swirl free flow ahead of the inducer blade leading 
edges [7]. Nominal (average) one–dimensional conditions in the region just ahead of the 
blades are used, and the detailed effects of the blade on the actual velocity triangles, 
which vary tangentially, are ignored. Basic conditions of flow just inside the blades in the 
“blocked passage area” where blade thickness reduces the normal flow area from 
𝑆1 𝑡𝑜 𝑆′1. If there is no acceleration or deceleration of the one–dimensional (average) 




incidence angle 𝑖 ∗1= (𝛽 ∗1− 𝛽𝑏1), on the blades. Since most modern inducer blades are 
designed to be operated without loading for a short distance, the leading edges at design 
point, 𝑖 ∗1 are readily obtained from the geometry. Reduced flow rate increases incidence 
to 𝑖1 > 𝑖 ∗1. Conversely, increase of flow rate above the design–point condition causes 
𝑖1 < 𝑖 ∗1 as one moves toward choked flow conditions. 
If the flow rate is reduced toward the conditions of surge, there is strong loading of the 
blade’s leading edges, and a deceleration of the relative velocity in the inducer tip region, 
especially on the blade’s suction side. In some inducers, tip stall generally occurs before 
the heavy surge within the suction side. Even at the design incidence, impeller separation 
may have its source in the inducer, on the shroud suction side of the blades. 
For relative Mach numbers above 1,4, serious detachment is created by shocks 
interacting with the blade boundary layers. Subsonic inlet designs, where 𝑀𝑟𝑒𝑙,𝑡𝑙 is in the 
range 0,8 to 0,9, will have transonic flow in the tip (shroud) region of the inducer. This is 
a particularly difficult flow condition, which is treated in several sources [12]. The methods 
used to handle transonic axial–flow blade design are very useful here. 
2.4.1. Specific diameter and speed analysis 
The specific diameter and specific speed analysis is very useful when designing 
compressors. The calculations and simulations used are based on the available and given 
information stipulated below, that is, in order to select the type of machine, which needs 
to be designed [13]: 
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These equations are taken from Baljie[14]. When defining parameters for the single stage 
specific diameter and speed analysis, the four most important are: 
1. Pressure rise or isentropic enthalpy rise; ΔH 
2. Inlet volume flow rate for the compressor, Q 
3. Rotor casing diameter at impeller outlet, D2 
4. Rotor angular velocity, Ω 
These parameters have been used comprehensively in pump and ventilator design, and 
generally apply to incompressible flow. It is usually necessary to define the tip speed 
Mach number also, which is defined by the blade speed relative to the inlet speed of 
sound since their use to compressor performance is also influenced by relative inlet Mach 
number. 
The isentropic enthalpy rise and the volume flow rate are well defined by the application 
and the choice of motor or turbine. This defines the potential rotational speeds within tight 
parameters so that the detailed speed set by equation 3.18  can be specified, in a typical 
compressor design. If the size of the compressor is not known in advance, then latter it 
can be calculated [14]. For this purpose, the specific speed is usually used rather than 
the specific diameter in the turbomachine literature. The kind of turbomachine that is 
required is determined by the value of the specific speed – which means that, it directs 
the choice of the machine type between radial flow, mixed flow or axial flow types. 









Figure 2.3. Specific diameter specific speed chart 
 
There is a strong incentive to increase the rotational speed as it leads to a more compact 
machine with a higher power density. Many applications make use of high specific speed 
to reduce their size and weight, but an actual ideal design might use a radial machine 
with near ideal specific speed. The lower density at the same point of application moves 
out of range of the purely radial compressor in the specific speed and specific diameter 
charts, as the increase of speed moves to the region on the chart where the mixed flow 
compressor or diagonal flow compressor is applicable. In a single stage the mixed flow 
compressor stage can produce high enthalpy or pressure co-efficient. This is achieved by 
its configuration of radial increasing radius across the rotor. In higher specific speeds the 
axial flow machine can be used. In an axial flow configuration, to achieve higher pressure 
ratio, multistage design can be utilized. Axial and mixed flow machines have steeper 
curves than radial machines and this may also be a related concern.  
Where there is geometry restriction on the turbojet engine, the mixed flow compressor 




to kinetic energy of a flow and the specific diameter is small – this suggests that an axial 
flow compressor must be used for application, as the deceleration of the flow is the only 
influence to the head rise. 
An axial machine is generally implied by stages with a high specific speed which has a 
high volume flow for a given head rise.  
 
2.4.2. Impeller geometry formulas   
The formulas that will be used to calculate the, optimum geometry of inducer, impeller 
exit geometry and performance, the exit velocity triangle and the vane–less space of 
diffuser are presented in this section. Figure 2.4 presents the configuration of mixed flow 
compressor. The rest of this chapter deals with the impeller geometry formulas. 
 
      Figure 2.4:  Mixed flow compressor geometry [9] 
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         (2.10)  
 
𝑊𝑠1 = 𝑀1𝑎1         (2.11.) 




         (2.12)  
 
𝑈𝑠1 = 𝜔𝑟𝑠1         (2.13) 
 
𝐶𝑥1 = 𝑊𝑠1𝑐𝑜𝑠𝛽1        (2.14)  
 





Figure 2.5:  Representation of the velocity triangles at exit [8] 
 
Figure 2.5 above represents the exit geometry of the mixed flow compressor velocity 
triangle, in the figure above it can be clearly be seen how different formulas that were 
used to calculate pressure ratio, exit diameter, exit mach number and blade thickness 
were derived. 
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      (2.19) 
  
The exit velocity triangle: 
In order to obtain the velocity components of the exit triangle this formulas are used: 
𝑤𝑟𝑧2 = 𝐶𝑟𝑧2 =
𝑊𝑟2
𝑠𝑖𝑛𝜑2
        (2.20) 
𝑊𝑟𝑧2 - Velocity that combine axial and radial component  
𝑊𝜃2- Tangential velocity component  
𝑊𝜃2 = 𝑊𝑟𝑧2 × 𝑡𝑎𝑛 𝛽2       (2.21)   




𝐶𝜃2 = 𝑈2 −𝑊𝜃2        (2.22)   













)                 (2.25) 
Apart from the radial compressor, meridional exit angle (ϕ2) creates an axial velocity 
component (cz2) that produces a two dimensional component in rz plane (cr2) by 
combining with the radial velocity component (cr2) as given in [8]: 
𝐶𝑟𝑧2 = 𝐶𝑟2 + 𝐶𝑟2        (2.26)  
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        (2.29) 
𝐶𝑟2 = 𝑊𝑟2          (2.30) 






          (2.31) 
Figure 3.4 Represent the exit triangle of the mixed flow compressor which has been taken 
from [8]. 
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          (2.36)  
Where: 
?̇? - Mass flow rate [kg/s] 
𝜌-density [kg/𝑚3] 
𝐶𝑥-absolute velocity [m/s] 
𝜋- Compressor or total pressure ratio 
𝜂𝐶- Compressor efficiency 
𝑈2- Tangential velocity [m/s] 
𝑎01- Speed of sound [m/s] 
𝛾- Ratio of specific heats 
𝑊𝑟2- Relative velocity [m/s] 
𝛽
2
- Angle of relative velocity [°] 




𝜔- Rotational speed [m/s] 
𝑀2- Mach number 
𝜑2- Meridional angle [°] 
𝑏2- Blade exit height [m] 
𝐷1ℎ- Inlet hub diameter [m] 
𝐷1𝑡- Inlet impeller tip diameter [m] 
T- Temperature [k] 
𝜎- Slip factor 
K- Gas constant 
𝐶𝑟𝑧2- Axial velocity component [m/s] 
𝑊𝑟𝑧2 - Velocity that combine axial and radial component [m/s] 
𝑊𝑟𝑧2 - Velocity that combine axial and radial component [m/s] 
𝑊𝑟𝑍2- Relative velocity that combine axial and radial component [m/s] 
Z-number of blades 
r- Radius [m] 
The formulas which have been used on this section were taken from Hill and Petersen 
[15] and [8]. These formulas have been used to generate the ParaCompal code that is 





The mixed flow compressor which was designed by Plehn [7] had a relatively high inlet 
hub to tip ratio of around 0,69, because it was intended for an application where it would 
succeed a twin stage low pressure axial compressor as the core or second spool 
compressor. This contrasts with a more typical inlet hub to tip ratio of 0,3 for an inlet stage. 
The meridional view of this compressor obtained from Cohen and Rogers[11] is presented 
in Figure 2.6. 
 
Figure 2.6: Meridional view of the mixed flow compressor [11] 
 
The mixed flow compressor in Plehn [7] had a maximum tip diameter of almost 270 mm 
with a full speed of 31 971 RPM resulting in a high wheel speed of 451 m/s. The rotor of 
this compressor had 12 full blades and 12 splitter blades whilst the diffuser was of the 
tandem configuration with 27 low chamber vanes in the first row and 54 high chamber 




The design and experimental total–to–total pressure ratio for the compressor was 3:1 
whilst the design total–to–total efficiency at the design point of 31 971 RPM and 2,89 kg/s 
was at 83,7%. However, an experimental value of 84% was achieved. 
The mean–line modelling approach with COMPAL required that the impeller geometry be 
specified as accurately as possible whilst appropriate loss and deviation models were 
selected. The impeller tip clearance was specified as 0,25 mm. At the inducer, blade 
angles were input at the hub, mean and tip radii whilst COMPAL allows for only a mean 
exit blade angle. The tandem diffuser geometry could not be put into COMPAL due to the 
lack of an applicable mathematical model and instead a generic model was selected. The 
latter required only the pressure recovery coefficient Cp and the loss coefficient ω to be 











Figure 2.7: Radial view of tandem diffuser vane configuration [7] 
 
For the TEIS model, efficiencies for each element ware selected based on different 
technical papers, including Monig [10] and values of ηa=0,83 and ηb=0,45 were used 
respectively. In the two zone model a secondary mass fraction of 0,25 was selected whilst 




The results of the COMPAL modelling of the mixed flow compressor of reference are 
presented in comparison with the experimental data also obtained from Plehn[7]. 
Reasonable comparison between theory (COMPAL) and experiment is obtained with a 
calculated pressure ratio at the design point of 3,15:1 compared to the design and 
experimental value of 3,0:1. The theoretical efficiency of 82,3% is slightly lower than the 
design and experimental values of 83,7% and 84% respectively. 
 
2.5 Mixed Flow Compressor Performance Modelling 
In order to design a mixed flow compressor for use in a micro turbojet engine, the 
COMPAL and AXCENT software were acquired. COMPAL is a one dimensional code 
which uses empirical correlations for slip factor and loss to model the performance of 
radial and mixed flow compressors. The experimental data on which these correlations 
are based were obtained from radial compressor test rigs. In order to ascertain whether 
COMPAL could be used to model a mixed flow compressor, a thorough literature study 
was conducted where technical papers on the geometry, test conditions and experimental 
results were evaluated. The technical paper which satisfied these requirements is the one 
by Plehn [7]. 
 
The two major models which COMPAL employs for modelling the impeller or rotor and 
the diffuser or the stator are:  
● TEIS (Two Elements In Series) 
● Two zone or jet–wake modelling 
As indicated in Figure 2.8, the element “a” and element “b”, the TEIS model assumes that 
a rotor may be modelled with a nozzle or diffuser in series with a diffuser. The inlet and 
outlet areas of each element are obtained from the impeller inlet geometry and in the case 





Figure 2.8: TEIS (Two Element in Series) model used in COMPAL for impeller and 
diffuser modelling [10] 
 
Efficiencies are allocated to each element as part of the input to COMPAL Mert, [8]. This 







           (2.37) 
Where: 
𝑝1 is the inlet static pressure 
𝑝2 is the outlet static pressure 
𝜌 is the fluid density 
𝑉1 is the inlet velocity 















𝜂𝑎 is the efficiency based on pressure recovery coefficients for element “a” 
𝜂𝑏 is similarly defined as efficiency based on pressure recovery coefficients for element 
“b” 
𝐶𝑝𝑖 is the isentropic pressure recovery coefficient based on area ratio for a specific 
element. 
The effect of low and high flow on the inlet element is presented in Figure 2.9. At low flow 
(high blade incidence) the inlet acts as a diffuser and at high flow (low incidence) it acts 
as a nozzle. 
 
Figure 2.9: Inducer or “element “a” modelling as part of TEIS (Two Element In 
Series) model used in COMPAL™ for impeller and diffuser modelling [8] 
 
The passage model for element “b” is shown in Figure 2.10 where it is indicated that the 
inlet and exit flow areas are obtained from the throat and impeller exit areas which are 





Figure 2.10: Element “b” or passage modelling as part of the TEIS (Two Element in 
Series) model used in COMPAL™ for impeller and diffuser modelling [10] 
 
Modelling of the exit flow from the impeller in COMPAL is achieved with a two–zone “jet–
wake” model as shown schematically in Figure 2.11. 
 





In COMPAL, the mass flow ratio between the secondary flow (wake) and the overall flow 
is specified and the computation is conducted for both the primary flow (jet) as well as the 
secondary flow (wake) regions. In addition, a mixed out solution is obtained at the impeller 
exit by combining the primary and secondary zones in order to obtain a mass averaged 


























Figure 2.12. Design methodology 
 
The design flow approach that was used when designing has been stipulated above in figure 2.12. 
in this figure it can be seen that the design information were guided by existing turbojet engine, 
which was using radial flow compressor. After obtaining the required information from engine 
specification, specific speed diameter and specific speed analysis in order to verify the most 
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suitable type of the compressor that can be used for this engine using baljie charts. In order to 
verify the predicted engine performance, the turbojet engine performance will be verified using 
GASTURB software and the detailed design from two dimensional to three dimensional geometry 
will be generated using Nrec concepts software.     
COMPAL is a meanline design software package which is used for designing and optimising radial 
and mixed flow compressors. In order to design and analyse the mixed flow compressor a mean 
line approach is used. In order to initiate the design process of radial and mixed flow compressor, 
calculations must be done to specify the inlet dimensions and outlet dimensions of the impeller. 
The overall operations requirement in which mixed flow compressor will be running, must be 
calculated. Then COMPAL software is then used to calculate the mean line condition of the flow 
including the stage geometry and stage performance. Through COMPAL it is possible to generate 
and view blades and velocity triangles at inlet and exit of the impeller.  The COMPAL design 
results simulation is the taken to AXCENT in order to produce blade design and fluid dynamic 
analysis for performance estimation. The standard screen from COMPAL is illustrated in Figure 
2.13.  
 
Figure 2.13. Standard screen from Compal [4] 
  
COMPAL design results are used to generate three dimensional geometry with AXCENT. The 




AXCENT it is easy to modify blade contours and blade distribution angle. Some features that are 
included in AXCENT are as follows: blade stacking, three dimensional geometry of the impeller, 
blade retakering around an arbitrary axis, flow cuts and radial trims, swept leading and trailing 
edges and splitter blades configuration for noise reduction. AXCENT results can be used for finite 
element analysis, CFD analysis and computer controlled manufacturing. AXCENT working screen 
is illustrated in figure 2.14. 
. 
Figure 2.14. Axcent working screen [5] 
 
2.7. Summary of findings from literature 
 
Small sizes are some of the critical requirements in the turbojet engine used for UAVs. 
The mixed flow compressor is a potential solution from a challenge associated with radial 
flow compressors, as they result in large frontal areas. The problem of large frontal areas 




diffuser, as done by Plehn [7]. In the past, the mixed flow compressors were not 
developed in depth due to the structural limitations and design software capabilities, as 
is reiterated by Plehn [7]. Nonetheless, in recent years there have been numerous mixed 
flow compressor designs which paved the way forward for future use. Together with the 
few studies across the world, this research uses optimization model with the software 
called NREC Concepts [16] to design various mixed flow compressors. This study 
outlines the design of a mixed flow compressor stage with backswept and impeller 





CHAPTER 3: RADIAL FLOW COMPRESSOR VALIDATION 
3.1. Background remarks 
In this chapter, the centrifugal compressor of small gas turbine was modelled and tested 
to validate the methodology that was then used to design the mixed flow compressor. 
The performance modelling of a radial/centrifugal compressor is relevant compared to 
that of the mixed flow compressor as both machines have the same flow features. In the 
simulations that follow the centrifugal compressor and mixed flow compressor have the 
same inlet conditions in order to allow the direct comparison of mixed flow versus radial 
compressor configurations for this engine. 
3.2. Validation model description 
The engine used is a Jet M160K turbojet micro jet engine. The engine is a turbojet of a 
single shaft design. The engine is started by an electric starter situated in the front of the 
engine. The testing of the micro turbojet engine was conducted at the University of 
Johannesburg. 
 





The engine features an electronic unit that initiates the starting sequence and controls the 
parameters of the engine within design limits during the starting sequence. 
The engine uses a system of direct liquid injection ignited by a long life ceramic glow plug 
situated inside the engine. After the initial preheat, the liquid fuel is gradually introduced 
and engine speed increased.  
3.2.1. Engine specifications 
 The turbojet engine has inlet at the front, which guides the flow to the radial flow 
compressor. At the exit of the inlet, there is a radial flow compressor. A shaft connects 
the compressor and turbine. Between the compressor and the turbine flow path is the 
combustor. In the combustor the fuel and air are mixed and burned. The hot exhaust air 
is then passed through the turbine and out of the nozzle. The nozzle is shaped to 
accelerate the flow, which then produces thrust. 
The compressor performs work on the air and hence increases the static pressure of the 
incoming air before it enters the combustor. At the exit of the compressor, the air is at 
higher pressure compared to the free stream. The power turbine extracts energy from the 
expanding hot gases to power the compressor. The resulting high pressure/temperature 
exhaust gas exits the nozzle to produce thrust. The nozzle produces thrust while 
introducing the exhaust gases to the free stream. Figure 3.1 presents the test bench of 
turbojet engine. 
The outer diameter of the engine is 111mm. with an overall length of 308mm. The engine 
has a mass of 1800 grams. When the pump, electronic control unit and fuel valve is 
included, the mass of the engine is 1950 grams. According to manufacturer specifications, 
when the engine is running at sea level conditions at 118 000 RPM, it produces thrust of 
160N. The exit gas temperature (EGT) ranges between 550° C to 700° C, when the 
engine is running at the maximum speed. At the maximum rotational speed, the fuel 
consumption is specified as 0,0097 kg/s. Table 1, gives the expected engine thrust as a 





Table 1. Turbojet engine specification 
RPM THRUST(N) 
120 000 180,8 
118 000 171,5 
116 000 159,3 
100 000 90,1 
90 000 61,9 
 
3.2.2  Radial compressor modelling 
The turbojet engine contains a radial flow compressor whose impeller has 6 full blades 
and 6 splitter blades. The impeller inlet hub has diameter of 58mm and tip diameter of 
70mm. After the impeller there is a vaneless diffuser with length of 4,5mm, which is 
followed by wedge diffuser with 11 vanes. The wedge diffuser has inner diameter of 79mm 
and outer diameter of 94mm. The radial flow compressor design point is as follows: 
(i) Mass flow of 0,38 kg/s 
(ii) Rotational speed of 118 000 RPM 
(iii) Pressure ratio (total to total) is 3,3:1. 
 
3.3 Turbojet engine experiment  
This section presents how the experiments on the bench test of turbojet engine were 
performed. In addition, the results that have been obtained from the bench test are also 
presented. 
3.3.1. Aim of the experiment 
The aim of the experiment was to obtain performance data for the radial compressor to 
validate the engine specification information. 
3.3.2. Experimental procedure 
The following procedure was followed during the testing of the M160K turbojet engine. All 
the necessary safety checks and precautions were first conducted. The next step was to 




by manual inspection and from an indicator gauge in the front panel. During operation, if 
the operator suspected some problem in the system, the fuel was immediately switched 
off. The engine was started by turning it with external compressed air supply to the idling 
speed of 30 000 to 40 000 RPM (this procedure is used to enhance the performance of 
the electric starter). When the engine panel gives a ‘ready flag’ signal, one can start the 
engine. Before starting fuel supply, it was ensured that the TIT (Turbine Inlet 
Temperature) was stable. After the display shows a ‘RUN’ signal on the front panel, the 
engine was started moving the position of the throttle lever from a minimum to maximum 
position. In order to take a particular reading, the position of lever should be in the same 
position until all the quantities come to a stable value (temperature readings are very 
difficult to get into stable position).   
The following parameters were monitored during the experiments: 
● Mass flow rate (kg/s) 
● Thrust (N) 
● Rotational speed (RPM) 
● Exhaust gas temperature (EGT) 
● Compressor outlet temperature (COT) 
● Turbine inlet temperature (TIT) 
● Ambient temperature (Ta) 
3.3.3. Experimental results 
The results obtained from the tests are discussed in the paragraph below and the results 










Average results from the experiment 
Ambient temperature °C 21,7 
Barometric pressure KPa 89,232 
Speed RPM 89550 
Compressor outlet temperature °C 114,5 
Compressor outlet pressure KPa 186.832 
Fuel flow  kg/s 0,00928 
Exit gas temperature °C 418,1 
Thrust N 63,1 
 
For the test, the average speed of the turbojet engine was 89 550 RPM, this was the 
maximum speed the engine would reach, the control system would not allow further 
acceleration of the engine and ultimately testing was stopped. This speed does however 
reach the minimum speed given in the specification and the thrust values compare to 
within 2%. The turbine inlet temperature (TIT) of 585,3⁰C was recorded with average 
compressor outlet pressure (COP) of 186,832 kPa giving a pressure ratio of 2,09. 
The average fuel flow is 0.00928 kg/s, and the engine speed was 89 550 RPM. The 
average barometric pressure was 89,23 kPa. The combustor pressure drop was 
measured by U–tube manometer as 586 mm of distilled water (combustor loss), This 
equates to an average pressure drop of 5,75 kPa. When comparing the results from the 
turbojet engine test with the information from the manufacturer’s specification, it can be 
concluded that the turbojet engine is performing in accordance with the specification. The 
engine specification shows that the thrust is 61.9N, when the engine is running at the 
90000 RPM, close to the same RPM, as the test bench result which gave a thrust of 
63,1N.The turbojet engine results were used to validate the cycle numerical analysis 
developed for the design development.  
 
3.4. GASTURB engine simulation  
A cycle analysis was conducted to determine the compressor characteristics required to 
match the performance figures of the engine and these were validated against the engine 
specifications and the test results. The simulations were conducted using 𝐺𝑎𝑠𝑡𝑢𝑟𝑏𝑇𝑀 




that the compressor pressure ratio and turbine inlet temperature influences the turbojet 
engine performance in terms of thrust and specific fuel consumption (SFC), however the 
following inputs were determined to best match the specification. 
3.4.1. The input information into 𝑮𝒂𝒔𝒕𝒖𝒓𝒃𝑻𝑴 
The following information was input into the 𝐺𝑎𝑠𝑡𝑢𝑟𝑏𝑇𝑀 simulation: 
1. Mass flow = 0,38 kg/s 
2. Intake pressure ratio = 0,99 
3. Pressure ratio = 3,3 
4. Burner exit temperature = 973K 
5. Burner design efficiency = 0,99 
6. Fuel heating value = 43,1 MJ/kg, 
7. Mechanical efficiency = 0,99 
8. Burner pressure ratio = 0,97 
9. Turbine exit pressure ratio = 0,98 
10. Compressor efficiency = 0,84 
11. Turbine efficiency = 0,89 
This gives a design point result of: 
● Thrust = 170 KN 






3.5. Discussion of the experimental results with GASTURB results 
 
 
The two key parameters that were focused on in this study are the thrust and specific fuel 
consumption. The results show that the engine is capable of producing thrust of 170 N 
and specific fuel consumption of 28,25 g/(kN.s) – when the compressor runs at the 
pressure ratio of 3,3 with an efficiency of 80%. This agrees well with the engine 
specification. At the reduced speed that the test engine was capable of sustaining the 
match in fuel flow rate and compressor pressure ratio remains acceptable, despite the 
assumption of a generic compressor map in the Gasturb simulation. Hence the 
performance information input into the model at design can be carried forward to the 
detailed design of a matching compressor using the NREC software.   
Table 3 : GASTURB VS experiment at 89 550 RPM 
Average results from the experiment GASTURB software  
Ambient temperature °C 21,7 21.7 
Barometric pressure KPa 89,232 89.232 
Speed RPM 89550 89550 
Compressor outlet temperature °C 114,5 125 
Compressor outlet pressure KPa 197 220 
Fuel flow  kg/s 0,00928 0.0093 
Exit gas temperature °C 418,1 1045 
Thrust N 63,1 60 
 
3.6. NREC radial compressor modelling  
When using the Baljie [14] formulas and charts, an efficiency of 80% was obtained. The 
main parameters that were also observed during the simulations were pressure ratio and 
efficiency. The increase in speed for the radial machine moves the application to the 
optimum specific speed region for a radial machine. Furthermore, the increase of the 
speed leads to the region of mixed flow compressor and the efficiency of the compressor 
was estimated as 74%. This is presented in the specific speed and diameter map by a 





Figure 3.2: Specific Speed – Specific Diameter analysis [14]  
These calculations were done using an EXCEL spread sheet and the equations from 
Baljie[14] and from Hill and Peterson [15]. Firstly, the radial compressor configuration was 
given by the manufacturer in which the detailed dimensions are as follows: impeller has 
six full blades and six splitter blades with an eye diameter of 58 mm and a tip diameter of 
70 mm. Radial outlet angle on blades is equal 90˚, short vane–less diffuser 4,5mm radial 
length. 
Radial wedge diffuser has 11 vanes, and has the inner diameter of 79 mm and outer 
diameter of 94mm. There are 28 axial exit guide vanes with a radial height of 6mm. This 
is the measured dimension from the radial compressor that has been tested. From this 
configuration, the pre–processor calculations were done before using COMPAL. The 
objective of the code is to build a relation between performance need and the geometry 
in order to help the designer to make the initial sizing. The equations were used to 
calculate only the entrance and exit of the compressor configurations. The of impeller 
represented in COMPAL is shown in Figure 3.3. The code can be used for both purely 






Figure 3.3: Radial compressor modeling with COMPAL™ [17] 
 
The COMPAL software input requirements were: 
1. Inlet pressure (P00) kPa. 
2. Inlet total temperature (T00) K 
3. Mass flow rate (m) kg/s 
4. Rotational speed (N) RPM 
5. Pressure ratio 
6. Hub radius 
7. Inlet angle 
8. Leading edge thickness 
9. To specify whether the impeller is open or close 
10. Impeller blade back sweep angle 
11. Front tip clearance or rear tip clearance 
12. Number of vanes 
13. Trailing edge thickness 
14. Diffuser type choice 
 




In this radial flow compressor, the specified parameters are given in Table 4. 
Table 4: Radial compressor COMPAL input 
Inlet pressure (kPa)  101,3  
Inlet temperature (K) 288  
Mass flow rate (kg/s) 0,38  
Rotational speed (rpm) 118000  
Pressure ratio 3,3:1 
Hub radius (mm) 10 
Inlet angle (degrees) 90° 
Leading edge thickness (mm) 1 
Impeller type Open 
Impeller back sweep angle (degrees) 0 
Number of vanes 6 
Trailing edge thickness (mm) 1 
 
From the EXCEL  analysis, the efficiency curves were generated to compare the 
efficiency that was obtained from the COMPAL and specific speed diameter map to see 
the accuracy of the calculation and simulation which is illustrated in Figure 3.2. Where it 
can clearly be seen that the two correlate, as from COMPAL: the efficiency obtained is 
74%. These calculations and simulations were done under the same working condition of 
the stage at 118000 RPM and mass flow rate of 0,38kg/s. 
This is the level one analysis, which was carried out using pre COMPAL code, specific 
speed and diameter analysis. All these analysis correlate and show that the calculation 
and simulation were accurate. Table 3.2 presents the parameters for the radial flow 




Table 5: Radial flow compressor COMPAL results. 
RADIAL FLOW COMPRESSOR 
IMPELLER INLET STATION 
Inlet pressure (kpa) 101,3  
Inlet total temperature (K) 288  
Mass flow rate (kg/s) 0,38  
Rotational speed (RPM) 118 000  
Pressure ratio 3,3:1 
Inlet Hub radius (mm) 10 
Inlet tip radius (mm) 35 
Inlet angle (degrees) 90° 
Leading edge thickness (mm) 1 
Impeller type Open 
Impeller back sweep angle (degrees) 0 
Number of vanes 6 
Trailing edge thickness (mm) 1  
Diffuser choice Vane–less and vanned wedge 
diffuser 
EXIT RESULTS 
Outlet hub radius (mm) 35  
Outlet tip radius (mm) 35  
Length of the impeller (mm) 27,5  
Number of blades at outlet 12 
Blade thickness (mm) 1 
Diffusion Ratio DR2 1,55 
Diffusion Ratio ideal DR2i 4,12 
Mach number Ratio MR2 1,74 
Mach number Ratio ideal MR2i 4,81 
Diffusion Ratio DR stall  1,55 
Rotor efficiency (total to total) 0,874 
Pressure ratio (total to total) 3,65 
Pressure ratio (total to static) 3,533 
Stage efficiency adiabatic (total to total) 0,79 
Stage efficiency adiabatic (total to static) 0,766 
Rotor efficiency (total to total) 0,866 
EFFICIENCY DECREMENT 
Inlet duct loss 0,001 
Impeller total loss 0,134 
Internal loss 0,046 
Mixing loss 0,064 
Recirculation loss 0,020 




The main function of COMPAL is to generate level one analysis for the radial flow 
compressor which was done by efficiency modelling and pressure ratio modelling. From 
Figure 3.5.pressure ratio obtained was 3,3. Secondly, the COMPAL results  were 
obtained with a rotational speed of 118000 RPM and mass flow rate of 0,38 kg/s, giving 
a pressure ratio of 3,45. Figure 3.5. shows the results of the turbojet engine with radial 
flow compressor running at 118 000 RPM and 112 000 RPM. The pressure ratio results 
from turbojet bench test 2.5, and predicted compressor efficiency is 80% as calculated 
from the specific diameter and specific speed analysis fomulas [14]. When the simulation 
was done using COMPAL, the compressor could only achieve 75% efficiency. The results 
of thrust obtained changed to 170N and the specific fuel consumption changed to 30,5 
g/(kN*S). These results show that when the efficiency of compressor is varied from 80% 
to 75%, the performance of the engine decreases from the thrust of 180N to 170N, as 
well as the specific fuel consumption which increases from 29,5g/(kN*S) to 30,5g/(kN*S). 
From the gas turbine or cycle analysis, the researcher is mainly interested in two 
parameters, namely, the thrust and specific fuel consumption. The results from cycle 
analysis show that this engine is capable of producing thrust of 170 N with a specific fuel 
consumption of 31 kg/Ns. The results that were obtained from gas turbine software are 
given in Figure 5.1. 
From the above results, we now move into a level two analysis. 
 
This simulation was made under the following assumptions: 
● No losses added. 
● Fairly accurate surface velocity distributors obtained on the blades as well as hub 
and shroud contours. 
● Splitter blade rotor at the entrance reduces loading on the blades. 
From Quasi 3D radial compressor modelling with AXCENT, the Mach number distribution 
can be seen on the impeller. From Figure 3.4, it can be seen that this is transonic flow 




and through the impeller the Mach number is moderate at about 1,31. From Figure 3.4, it 
can be seen that the Mach number is high at the impeller exit.   This may cause the flow 
to choke or the boundary layer to separate. 
 
Figure 3.4:  Quasi 3D Radial compressor modelling with AXCENT 
 
After the impeller, there is a vane–less diffuser and the function of this is to reduce the 
inlet kinetic energy and convert it to static pressure recovery. Therefore, the vane–less 
diffuser is used to guide flow condition for a vaned diffuser. As seen in Figure 3.5 the 
vane–less space is also used to reduce the flow to a subsonic, un–choked inlet condition 
at the vanned diffuser throat. It is clearly observable in the figure that at the inlet of vanned 
diffuser and towards its exit the flow is subsonic. 
When the Pushbutton CFD was initiated, the researcher encountered the problem where 
the software could not converge. Nonetheless, the researcher managed to get some 
results from Pushbutton CFD. The problem was due to the high impeller blade loading 
which was encountered when running the AXCENT program. The files are imported from 
AXCENT to run the Pushbutton CFD, which is why the Pushbutton CFD simulation was 
affected by AXCENT results. The results from Pushbutton are interpreted on two graphs, 
namely pressure ratio and efficiency graphs.    
From Figure 3.5, Pushbutton pressure ratio result is 3,2 represented by re dot and turbojet 




a pressure ratio of 3,4. From the pressure ratio graphs at the running conditions, the 
pressure ratio obtained from Pushbutton was lower than that of the hand calculation and 
that of COMPAL, also obtained from test bench. From Figure 3.5 it can be seen that the 
methodology and simulation is correct as the pressure ratio that was obtained from 
COMPAL, specific speed and Specific diameter and Pushbutton correlate. One of the 
improvements that can be made is to adjust the blade curvature on the impeller. The 
loading will be reduced to avoid separation of the boundary layers. The actual pressure 
ratio obtained is 3,4 from Pushbutton as presented in Figure 3.5. 
 





Figure 3.6.: Radial compressor CFD modelling with Pushbutton CFD™ - Efficiency 
 
Lastly, the efficiency that was obtained from the Pushbutton is 78% as shown in Figure 
3.6 that is higher than the efficiency of the specific speed and specific diameter map which 





One of the reasons for  these simulations was to be able to compare the results of the 
mixed flow compressor and the radial flow compressor. The radial flow compressor 
simulated here represents the compressor in the turbojet engine that was tested. At this 
point in the project, however, the rotational speed of the mixed flow compressor was 
reduced from 118 000 RPM to 100 000 RPM which were the problems found during 
testing. One of the problem was that the engine in which the mixed flow compressor was 
being designed for it could not reach its off design speed during the engine testing. As 
stipulated in Table 6, radial flow compressor has the mass flow rate of 0,31 kg/s, speed 
of 100 000 RPM and the pressure ratio of 3. 
 
Table 6. Radial flow Compressor COMPAL™ output 
RADIAL FLOW COMPRESSOR AT 100 000 RPM 
IMPELLER INLET STATION 
Inlet pressure (KPa) 101,3  
Inlet total temperature (K) 288  
Mass flow rate (kg/s) 0,31  
Rotational speed (RPM) 100 000 
Pressure ratio 3:1 
Inlet Hub radius (mm) 10 
Inlet tip radius (mm) 35 
Inlet phil angle (degrees) 90° 
Leading edge thickness (mm) 1 
Impeller type Open 
Impeller back sweep angle (degree) 0 
Number of vanes 6 
Trailing edge thickness (mm) 1  
Diffuser choice Vane–less and vaned wedge 
diffuser 
EXIT RESULTS 
Outlet hub radius (mm) 35  
Outlet tip radius (mm) 35  
Length of the impeller (mm) 27,5  
Number of blades at outlet 12 
Blade thickness (mm) 1  
Diffusion Ratio DR2 1,48 




Mach number Ratio MR2 1,61 
Mach number Ratio ideal MR2i 3,84 
Diffusion Ratio DR stall  1,55 
Rotor efficiency (total to total) 0,871 
Pressure ratio (total to total) 2,878 
Pressure ratio (total to static) 1,75 
Stage efficiency adiabatic (total to total) 0,87 
Stage efficiency adiabatic (total to static) 0,47 
Rotor efficiency (total to total) 0,872 
EFFICIENCY DECREMENT 
Inlet duct loss 0,001 
Impeller total loss 0,128 
Internal loss 0,108 
Mixing loss 0,064 
Recirculation loss 0,017 
Disk friction loss 0,003 
 
3.7. Conclusion 
An experiment was conducted on a micro turbojet engine set up, allowing one to obtain 
thermodynamics parameters for the operation of a turbojet engine.  
Although the engine could not be run at the design condition, the results confirmed the 
specification and a GasTurb model was developed to model the specification with 
reasonable accuracy. This gave inputs to a radial compressor design, which yielded 
results to within reasonable percentage of pressure ratio which was within 94 %, when 
compared to each other and efficiency to those values expected of the experimental 
engine yielded 96 % when compared to each other. 






CHAPTER 4: MIXED FLOW COMPRESSOR DESIGN 
VALIDATION 
4.1 Background Remarks  
This chapter presents the methodology validation that has been used to design the mixed 
flow compressor. The method of designing was validated using results reported by Plehn 
[7]. The Plehn et al compressor have been designed, build and tested. In this chapter, the 
validated methodology will be used to design the mixed flow compressor. 
 
4.2 Introduction  
Centrifugal compressors have the potential to attain up to five times higher pressure ratio 
than axial flow compressor [9], [17]. This is usually due to the high work input of centrifugal 
impellers, as a result of the increasing circumferential speed along the flow path. 
However, the efficiency level of the centrifugal stages is usually lower than that of the 
axial stages. 
The smaller the engine mass flow rate, the smaller the blade height must be. Since the 
required absolute tip clearance cannot be downsized in the same scale as the stage 
dimension, the effect of relative tip clearance becomes more and more dominant – 
reducing the efficiency bonus of axial against centrifugal compressor stages.  
Furthermore, there are lower limits to blade thicknesses, leading and trailing edge radii of 
axial compressor blade for mechanical and manufacturing reasons. These also result in 
an efficiency drop with the size of axial stage. So the application of the centrifugal 
compressor has its domain in the small to medium size engines; where the axial and 
centrifugal compressors have the equivalent efficiency levels and lower part count – and 
the manufacturing cost brings greater advantage for the centrifugal compressors.    
However, there is still a disadvantage for the conventional centrifugal compressor stage 
requiring diffusers with large diameter. The frontal area per unit mass flow of the 




A typical output screen from COMPAL is presented in Figure 4.1. Indicated are the 
meridional view as well as the pressure ratio and efficiency variations for a specified 
speed.  
 
Figure 4.1: Typical output screen from COMPAL™ for a radial compressor  
 
4.3.1 Mixed Flow Compressor Modelling Discussion  
In this section the mixed flow compressor presented in Plehn [7] has been simulated using 
the methodology presented in section 1.4. The mixed flow compressor presented in Plehn 
[7] was manufactured, tested and presented in their paper. In this study, Plehn [7] 
designed and tested the performance of a mixed flow compressor with a 3:1 pressure 
ratio stage. Furthermore, the mixed flow compressor stage was designed and tested 
within the same study, and it was tested behind a multistage axial flow compressor with 
the purpose of comparing the performance of the three axial flow compressors with one 
mixed flow compressor. Indeed, in the study the mixed flow compressor was able to 
achieve the pressure ratio of 3:1 with an efficiency of 85%. The significant of simulating 
the Plehn paper was that the results will be used to verify whether the methods and 




The Plehn[7] mixed flow compressor performance modelling will be used to validate the 
methodology and equations that are going to be used to design the mixed flow 
compressor. In the previous section, the equations were actually validated in the 
performance modelling of radial flow compressor. The Plehn[7] paper presents the mixed 
flow compressor stage design and test results with a pressure ratio of 3:1, which rotates 
at a speed of 31974 RPM and mass flow rate of 3kg/s, produced efficiency of 85%. The 
methodology which is used to design the mixed flow compressor is therefore used to 
redesign the mixed flow compressor in Plehn [7] for validation purposes. 
The first step was to use the specific diameter and speed diameter chart from Baljie[14] 
to predict the efficiency and select the type of compressor that will be appropriate for the 
stipulated requirements. The Plehn et al [7] mixed flow compressor requirements are: 
● Mixed flow compressor of 3 kg/s mass flow rate, 
● Rotational speed of 31 974 RPM, 
● Pressure ratio of 3:1. 
From this information, a calculation was carried out and the efficiency of 82% was attained 
as represented in Figure 4.8. The 82% is actually achieved by using a specific diameter 
(ds) = 3,2 and specific speed = 0,9. Already the results represented in the chart agree.  
From Plein [7], the efficiency of 83% was obtained and from calculations the efficiency of 





Figure 4.2: Plehn mixed flow compressor specific speed and specific diameter 
analysis chart [14] 
 
From these results, this efficiency is used in the 𝐺𝑎𝑠𝑡𝑢𝑟𝑏𝑇𝑀 software. 𝐺𝑎𝑠𝑡𝑢𝑟𝑏𝑇𝑀 software 
is a tool used for cycle analysis of gas turbines. The efficiency that was obtained from 
specific speed and specific diameter analysis is 83%. Another constraint that was used 
during the simulation is the turbine inlet temperature of 973 K and other parameters as 
stipulated above.  
From the cycle analysis output in the 𝐺𝑎𝑠𝑡𝑢𝑟𝑏𝑇𝑀, the specific fuel consumption of 27,12 
g/(kN*S) was also recorded as well as the thrust of 1,55 kN even though the Plehn paper 




From Figure 4.3, when the pressure ratio and stage mass flow was obtained, the 
COMPAL results were compared with the results obtained from turbojet bench tests. The 
graph then represents the comparison of pressure ratio and mass flow rate for a pressure 
ratio 3:1 at the design point and mass flow rate of 2.89 kg/s while rotating at 31 974 RPM. 
From Table 7, the COMPAL input information was compiled before the simulation. From 
the COMPAL simulation pressure ratio of 3, was obtained. When this pressure ratio is 
compared to what has been recorded in the experimental results, the pressure ratio of 
3:1 – this pressure ratio is a bit higher. This could be due to the COMPAL as a mean–line 
simulator and in COMPAL where the losses are not included.   
 
Table 7: ASME 87-GT-20 mixed flow Compressor COMPAL results 
ASME MIXED FLOW COMPRESSOR  
IMPELLER INLET STATION 
Inlet pressure (KPa) 101,3  
Inlet total temperature (K) 288  
Mass flow rate (kg/s) 2,89  
Rotational speed (RPM) 31 974 
Pressure ratio 3 
Inlet Hub radius (mm) 68,6 
Inlet tip radius (mm)  
Inlet phil angle (degrees) 90° 
Leading edge thickness (mm) 1 
Impeller type Open 
Impeller back sweep angle (degree) 58,55 
Number of vanes 12 
Trailing edge thickness (mm) 1  
Diffuser choice Vane–less and vaned wedge 
diffuser 
EXIT RESULTS 
Outlet hub radius (mm) 129,43 
Outlet tip radius (mm) 139,77 
Length of the impeller (mm) 65,77  
Number of blades at outlet 24 
Blade thickness (mm) 0,5  
Diffusion Ratio DR2 1,44 




Mach number Ratio MR2 1,65 
Mach number Ratio ideal MR2i 3,85 
Diffusion Ratio DR stall  1,55 
Rotor efficiency (total to total) 0,871 
EFFICIENCY DECREMENT 
Inlet duct loss 0,01 
Impeller total loss 0,18 
Internal loss 0,04 
Mixing loss 0,058 
Recirculation loss 0,019 
 
From COMPAL simulation results, the efficiency curves were also generated. The 
efficiency curve that has been generated was therefore compared with the experimental 
curve from Plehn et al [7], which was also compared with predicted efficiency that was 
calculated using the specific speed and diameter. From the graph of efficiency vs. mass 
flow rate, the experimental efficiency is higher than that generated in COMPAL by 1 %.  
The efficiency that was recorded from experimental results at operating point is 83% 
whereas from COMPAL, at the same operating point the efficiency was 82,7%. When 
these results are compared with 82% efficiency prediction that was established by Baljie 
method [13] , one can conclude that the methodology and this simulation are accurate 











4.4. Conclusions  
The Plehn [7] results were used as inputs parameters in COMPAL, this was done in order 
to to validate the method that will be used to design mixed flow compressor. It could be 
observed that COMPAL results and experimental results that the efficiency of the two 
results are in close range. At design the experimental efficiency from Plehn [7] was 83% 
and the COMPAL results yielded the efficiency of 82%, when the compressor will be 
running at the same rotational speed, the same pressure ratio and the same impeller 
configuration. Importantly the characteristic of the graph of efficiency versus pressure 
ratio is very similar across the full range of the design space. From these results it can be 




CHAPTER 5 MIXED FLOW COMPRESSOR DESIGN 
  
The mixed flow compressor stage design is for a pressure ratio of 3:1 and the rotational 
speed 100 000 RPM. The rotational speed, which was selected for the mixed flow stage, 
is based on the turbojet engine tested. The turbojet engine tested could only attain a 
rotational speed of 89 000 RPM during the test. The engine at the rotational speed from 
the test bench can only accommodate the mass flow rate of 0,31kg/s. The designed mixed 
flow compressor has 7 full length blades and 7 splitter blades running at 100 000 RPM 
with the maximum tip radius of 33 mm and the design mass flow rate. The design total-
to-total pressure ratio is 3 at the design point of 100 000 RPM and the design mass flow 
rate of 0,31Kg/s. The design stage efficiency is 88%. The design impeller tip clearance is 
1 mm. Cone angle is 50 degrees. 
Specific diameter  and specific speed analysis: 
The specific diameter and speed analysis was used to predict the compressor efficiency 
and stipulate the type of compressor, which was appropriate for the requirements 
stipulated above. The results from the calculation was specific speed of 1 and the specific 
diameter of 2,6. This is shown in Figure 5.1. When matching the specific diameter and 







Figure 5.1: Mixed flow compressor diameter analysis and specific speed  chart [14] 
 
5.1. Mixed Flow Compressor Design Input into 𝑮𝒂𝒔𝒕𝒖𝒓𝒃𝑻𝑴 
From the efficiency obtained in the analysis above, the cycle analysis was done. The 
turbine inlet temperature of 585,3 °C is another parameter that was used for simulation in 
the cycle analysis. The output from 𝐺𝑎𝑠𝑡𝑢𝑟𝑏𝑇𝑀 is presented in the Appendix A. the 
𝐺𝑎𝑠𝑡𝑢𝑟𝑏𝑇𝑀 software, the specific fuel consumption of 27,69 g/(kN*S) and the thrust of 140 
N were obtained, This can be seen at the inlet turbine temperature of 853 K . 
Mixed flow compressor performance prediction map in Figure 5.1. shows the performance 
of the compressor at different speeds. 
The surge line is the limit and range of possible stable flows at any given tip speed. One 
of the main characteristics of constant speed lines for pressure and stage efficiency, 𝜂03 




the upper end of useful flow range, where the phenomenon of choking is encountered. It 
is possible that the impeller inducer is starting to choke at 100 000 RPM, since the 
efficiency dips sharply at this speed as the flow rate increases. The range from surge to 
choke at constant speed can be increased by changing from vaned to vane–less diffuser 
design, but at the sacrifice of some points in stage efficiency. There is a possibility that 
the compressor will choke, if the mass flow exceeds 0,31 kg/s. 
Another result that needs to be analysed is the COMPAL results. Before the COMPAL 
software is used, there is a PARACOMP code that is used in order to estimate the overall 
dimensions of the compressor. The PARACOMP calculations are done using the formula 
stipulated in Chapter 2 (equation 2.1-2.19). Another function of PARACOMP code is to 
prepare the COMPAL input parameters in Table 8, where the COMPAL input parameters 
are presented. The COMPAL was run using the off design parameters to require 
maximum thrust and fuel at take-off conditions. The COMPAL software is a single point 









Figure 5.2: Mixed flow compressor results from COMPAL 
 
In this thesis, the designs for the backward lean blades were used. These blades are well 
known for developing high stage efficiency and large choke to surge range [7]. The 
backward leaning impeller appears to be able to develop stage efficiency levels of 80% 
to 85% in the radial blades compressor. The backward leaning can achieve this efficiency 
without severe losses imposed by the flow separation in the inducer–shroud region of the 
impeller, which is a major problem for high pressure ratio machines. From the COMPAL, 
the predicted stage efficiency of 88% of adidactic total-to-total was predicted, and the 
pressure ratio of 3 was achieved on a total-to-total ratio scale.  
The COMPAL then serves as a prediction tool of performance, and the flow in the impeller 
blades passages. One of the focus points in the results in the Table 7 is the diffusion 
parameters called diffusion ratio, DR, or the Mach number ratio 𝑀𝑅2 which are used for 
impellers. In this design, the efficiency is one of the parameters that must be conserved. 
The efficiency is conserved by reducing the losses that are caused by the flow boundary 
layer separation. To reduce the boundary layer separation in the impeller, the diffusion 
ratio and Mach number ratio must be minimised. The other requirement is that 𝐷𝑅2 must 




𝐷𝑅2(𝑖) = 3,47 and 𝑀𝑅2 = 1,73 and 𝑀𝑅2(𝑖) = 3,47. This indicates that in this impeller flow 
will be without separation and this will reduce efficiency loss in this impeller. From the 
result in Table 8 COMPAL™ simulations show efficiency of 87,4 % in the impeller. The 
other 12 % efficiency losses are stipulated in Table 7. 
Table 8: Mixed flow compressor COMPAL output 
MIXED FLOW COMPRESSOR DESIGN 
IMPELLER INLET STATION 
Inlet pressure (KPa) 101,3  
Inlet total temperature (K) 288  
Mass flow rate (kg/s) 0,31  
Rotational speed (RPM) 100 000 
Pressure ratio 3 
Inlet Hub radius (mm) 8 
Inlet tip radius (mm) 25 
Inlet phil angle (degrees) 90° 
Leading edge thickness (mm) 1 
Impeller type Open 
Impeller back sweep angle (degree) 0 
Number of vanes 7 
Trailing edge thickness (mm) 1  
Diffuser choice Vane–less and vaned wedge diffuser 
EXIT RESULTS 
Outlet hub radius (mm) 33 
Outlet tip radius (mm) 30 
Length of the impeller (mm) 40  
Number of blades at outlet 14 
Blade thickness (mm) 1  
Diffusion Ratio DR2 1,53 
Diffusion Ratio ideal DR2i 2,99 
Mach number Ratio MR2 1,73 
Mach number Ratio ideal MR2i 3,47 
Diffusion Ratio DR stall  1,55 
Stage efficiency adiabatic (total to total 0,88 
Rotor efficiency (total to total) 0,912 
EFFICIENCY DECREMENT 
Inlet duct loss 0,001 




Internal loss 0,036 
Mixing loss 0,028 
Recirculation loss 0,005 
 
As illustrated in the Figure 5.3. at the inducer the blade loading is high due to the high 
incidence that needs to be adjusted. The loading is high for both hub and shroud. Between 
0% and 10% of impeller length, the hub recovered but the shroud loading was very high. 
By introducing the splitter blades from 21% of impeller length, the loading at the shroud 
reduces to moderate loading, and also at the hub the loading increased from 40% to 60% 
– and the entire length of the impeller. The blade-to-blade loading is also moderate at the 
impeller exit but only at the shroud and the hub. The problem of high blade loading is that 
the boundary layers may separate, so the high blade-to-blade loading must be avoided. 
The backward lean angle of the impeller blades assists in reduction of blade loading in 
the impeller blades and it increases the mixed flow compressor efficiency. In addition, the 
rapid curvature in the angle of meridional velocity component (φ) in the inducer can raise 
𝑤1𝑡  and lower 𝑤1ℎ to make the shroud problem worse. If the turn to radial is made gentle 






Figure 5.3: Quasi 3D Mixed flow compressor design with AXCENT - Blade to blade 
loading 
 
The above results represent the preliminary design in which this compressor still needs 
to be optimised. In order to optimise and increase the performance of the mixed flow 
compressor, the following will be done in AXCENT to improve the performance and the 
blade loading in the entrance – and where it is in red, showing that it needs attention. The 
following measures will be taken to reduce the blade loading. 
● The magnitude of the blade–to–blade loading can be controlled by means of blade 
spacing. However, blade-to-blade loading is also sensitive to the curvature in the 
radial plane just as the hub–to–shroud loading is sensitive to the curvature of the 
passage in the meridional plane.   
● The hub–to–shroud loading is defined in terms of the difference in velocities on the 
hub and shroud surfaces and the average velocity in the passage. By changing 
the passage height, this average velocity is affected, which, in turn, affects the 
hub–to–shroud loading. Therefore, one can always change the passage height 
and see the effect it has on hub–to–shroud loading. 
● The first parameter, which a researcher can modify, is the magnitude of the blade 
loading, which can be adjusted by changing the number of blades specified. By 
increasing the number of blades, one can decrease the amount of work per blade 
and therefore the blade loading. For example, to achieve a particular pressure rise, 
the blades must perform a certain amount of work on the flow. When there are 
more blades available, the less each blade has to work, and this lowers the blade 
loading. 
Figure 5.4. shows the blade lean angle for mixed flow compressor from AXCENT. Blade 
lean angle is the angle at which the blade leans relative to a line that points straight out 
along the QOs. In part, the curve represents the difference between the hub and shroud 
wrapping. The further apart the hub and the shroud wraps become; the more the blade 
leans. The lean also correlates to the other aspects of the design, including the radius. 




cannot be edited independently. For example, when a designer modifies the blade angle 
distribution, AXCENT automatically recalculates the wrap and lean angles. 
 
 Figure 5.4: Blade lean angle for mixed flow compressor from AXCENT 
 
Most commonly, a researcher may want to constrain the total wrap angle, possibly to 
meet some manufacturing requirements. For example, when the blades are highly 
wrapped or leaned, they may be difficult or expensive to machine, cast, or injection mould. 
Figure 5.5 shows mixed flow compressor wrap angle obtained from AXCENT. AXCENT 
creates the blade from curves, which define the hub and shroud contours, the blade angle 
and thickness variations on those contours, and blade bowing, or additional mid–span 
contours. This makes the geometry easier to specify and understand in the program; 
however, these curves alone do not uniquely define a blade. The manner in which the 
blade angle and thickness distributions on the hub and shroud are connected completes 
the definition of the blade. Up to this point, researchers have worked with a type of blade 
generation that allows the hub and shroud geometries to be completely independent of 
each other. This provides enough control over the blade geometry and is generally 
conducive to achieve the most efficient designs. However, because there is so much 
flexibility, one must be careful when using this option. For example, it is quite easy to 




which would make the impeller difficult to manufacture and the blades too weak to 







Figure 5.5: Mixed flow compressor wrap angle obtained from AXCENT™ 







5.2. Comparing the radial flow and mixed flow compressor 
 
Table 9: Mixed flow and radial flow COMPAL results 
MIXED FLOW COMPRESSOR DESIGN  
IMPELLER INLET STATION Mixed flow 
compressor  
Radial flow compressor 
Mass flow rate (kg/s) 0,31  0,31 
Rotational speed (RPM) 100 000 100 000 
Pressure ratio 3 3  
Inlet Hub radius (mm) 8 10 
Inlet tip radius (mm) 25 35 
Inlet phil angle (degrees) 90° 90° 
Leading edge thickness (mm) 1 1 
Impeller type Open Open 
Impeller back sweep angle 
(degree) 
0 0 
Number of vanes 7 6 
Trailing edge thickness (mm) 1  1 
Diffuser choice Vane–less and vaned 
wedge diffuser 
Vane–less and vaned 
wedge diffuser 
EXIT RESULTS 
Outlet hub radius (mm) 33 35 
Outlet tip radius (mm) 30 27,5 
Length of the impeller (mm) 40  35 
Number of blades at outlet 14 12 
Blade thickness (mm) 1 1 
Diffusion Ratio DR2 1,53 1,48 
Diffusion Ratio ideal DR2i 2,99 3,44 
Mach number Ratio MR2 1,73 1,61 
Mach number Ratio ideal MR2i 3,47 3,84 
Diffusion Ratio DR stall  1,55 1,55 
Stage efficiency adiabatic 
(total to total 
0,88 0,79 
Rotor efficiency (total to total) 0,912 0,87 
 
It can be seen that the exit radius of the radial flow compressor is 35 mm from Table 8, 
and the exit radius of 33 mm. Already this is a significant change or improvement in the 




by the diameter of the compressor. The reduction of the size of the compressor will reduce 
the drag and this will increase the performance of the engine. From Table 9, the length of 
the impeller is 27,5 mm and in Table 9 the length of the impeller is 40 mm. The length of 
the mixed flow compressor is longer than of the radial flow compressor. From this 
observation one can see that the mixed flow compressor reduces the diameter while 
causing an increase in the impeller length. This will affect the overall mass of the 
compressor stage. 
Another important parameter to compare is the stage efficiency. From COMPAL 
simulation, the stage adiabatic efficiency (total-to-total) is 79% for radial compressor in 
Table 9 and 77% for (total-to-static) stage efficiency from Table 9. From Table 9 the stage 
efficiency is 88% total-to-total and 79% total-to-static. These results show that the mixed 
flow compressor has an improvement in performance over the radial flow compressor. In 
the total-to-total stage efficiency, the increase will be about 9% from 79% of radial flow 
compressor to 88% mixed flow compressor. Another improvement that is achieved is the 
rotor efficiency which improves from 87% for radial flow compressor to 91% for the mixed 
flow compressor. 
From Table 9, the pressure ratio is another important parameter. From the radial flow 
compressor simulation, the pressure ratio of 2,8 was obtained whereas from mixed flow 
compressor simulation the pressure ratio of 3 was obtained. This was when two 
compressors were simulated at the same rotational speed in COMPAL. This shows that 
the mixed flow compressor can increase the pressure ratio.  From Table 8 one can see 
that the compressor structures are not exactly the same. This was due to the improvement 
that was made in the mixed flow compressor impeller. In Table 9, the number of impeller 
blades used is 6 and 12, while in Table 8 the number of impeller blades used in the inlet 
is 7 and 14 at the exit. This was done to reduce the blade loads in the mixed flow 




CHAPTER 6: CONCLUSIONS AND RECOMMENDATIONS 
 
6.1. Summary of the Research 
In order to prove that mixed flow compressors could replace radial flow compressors in 
small gas turbine engines and do so at reduced diameter, the following research was 
undertaken: 
1. A validation of the NREC design suite’s capability against a known radial 
compressor, including tests, albeit at reduced rpm 
2. A validation of the NREC design suite’s capability against a test case for mixed 
flow compressors found in the literature 
3. A clean sheet design specific to the small gas turbine design in question to develop 
an equivalent drop in part for the existing radial compressor wheel. 
6.2.  Conclusion of the research  
In this study a mixed flow compressor was designed running at the rotational speed of 
100 000 RPM. The compressor was able to attain an efficiency of 88%. This is compared 
to the existing radial flow compressor, which attained an efficiency of 79%. The exit radius 
of the mixed flow compressor was 33mm, whereas the outer exit radius of the radial flow 
compressor to achieve the equivalent pressure ratio was 35mm. 
From this study it could be seen that the mixed flow compressor could perform better than 
radial flow compressor as the mixed flow compressor could attain the same or better 
pressure ratio and efficiency as the radial flow compressor with a smaller diameter as 
was originally postulated. The conclusion is therefore that the mixed flow compressor can 
be used to replace the radial flow compressor in the turbojet engine and that the turbojet 
engine will perform the same or better than when it is fitted with radial flow compressor.  
6.3. Recommendations  
Further improvements are necessary to improve the mixed flow compressor design, and 
should primarily focus on the: 
● Optimisation of the mixed flow compressor using AXCENT 




● Optimisation of the mixed flow compressor using CFD 
● Improvement of the mixed flow compressor design study by running FEA  model 
● Manufacture and testing of the mixed flow compressor 
 
Furthermore, critical and interdisciplinary studies and research on the mixed flow 
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COMPAL output for mixed flow compressor design 
------------------------------------------------------------------------------ 
Stage 1 of 1: 
**************************************************************************** 
* GENERAL SETTINGS * 
**************************************************************************** 
Run Mode: Design 
Fluid Type: New semi-perfect air 
Solver Type: Wilder two-zone model 
Stage Layout: 
-IGV: None 
-Impeller: Open with no seal 
-Diffuser: 1: Vaneless; 2: Wedge; 
-Exit: Collector 
Unit System: Metric 









* STATION-BY-STATION OUTPUTS * 
**************************************************************************** 
>>>>>>>>>>>>>>>>>>> 
Upstream (Station 0) 
>>>>>>>>>>>>>>>>>>> 
T00 = 288.00 P00 = 101.30 M = 0.38 N = 118000.00 
>>>>>>>>>>>>>>>>>>>>>>>>> 
Impeller Inlet (Station 1) 
>>>>>>>>>>>>>>>>>>>>>>>>> 
R1H = 10.000 R1M = 20.963 R1T = 27.908 LEN1 = 0.000 
BETA1HB = -35.092 BETA1MB = -54.981 BETA1TB = -61.307 PHI1 = 90.000 
ZI = 6 TLET = 1.000 CLRF = 0.500 Mass_in = 0.380 
BLK1 = 0.020 LC1 = 0.010 AK = 1.030 Throat Area= 0.000 
_________________________Impeller Inlet Hub (Station 1H) _______________________ 




W = 204.89 WT = -123.57 BETA = -37.09 I = 2.00 
U = 123.57 MREL = 0.62 RHO = 1.09 
P = 85.70 P0 = 101.14 T = 274.68 T0 = 288.00 
_________________________Impeller Inlet RMS (Station 1M) _______________________ 
C = 168.34 CM = 168.34 CT = 0.00 ALPHA = 0.00 
W = 308.93 WT = -259.03 BETA = -56.98 I = 2.00 
U = 259.03 MREL = 0.93 RHO = 1.08 
P = 84.82 P0 = 101.14 T = 273.87 T0 = 288.00 
_________________________Impeller Inlet Tip (Station 1T) _______________________ 
C = 173.39 CM = 173.39 CT = 0.00 ALPHA = 0.00 
W = 386.00 WT = -344.86 BETA = -63.31 I = 2.00 
U = 344.86 MREL = 1.17 RHO = 1.07 
P = 83.89 P0 = 101.14 T = 273.01 T0 = 288.00 
_________________________Operating Range________________________________________ 
>>>>>>>>>>>>>>>>>>>>>>>>>>> 
Impeller Exit (Station 2) 
>>>>>>>>>>>>>>>>>>>>>>>>>>> 
R2avg = 43.936 R2rms = 43.936 R2hub = 43.936 R2tip = 43.936 
B2 = 4.511 BETA2B = 0.000 CLRR = 0.500 TN = 1.000 
AxLngth = 32.773 ZR = 12 Rexp = 43.936 Bexp = 4.511 
DR2 = 1.34 DR2I = 4.05 MR2 = 1.61 MR2I = 5.07 
MSECM = 0.21 E = 0.66 MU = 0.15 LAM2 = 4.20 
SIG2 = 0.87 DELTA2P = -18.00 DELTA2S = 0.00 Mass_out= 0.38 
_________________________Primary Zone (Station 2P)______________________________ 
C2P = 530.10 CM2P = 273.66 CT2P = 454.00 ALPHA2P = 58.92 
W2P = 287.74 U2P = 542.92 BETA2P = -18.00 DELTA2P = -18.00 
P2P = 301.86 P02P = 878.25 T2P = 393.24 T02P = 530.62 
_________________________Secondary Zone (Station 2S)____________________________ 
C2S = 544.54 CM2S = 42.07 CT2S = 542.92 ALPHA2S = 85.57 
W2S = 42.07 U2S = 542.92 BETA2S = 0.00 DELTA2S = 0.00 
P2S = 301.86 P02S = 845.49 T2S = 433.16 T02S = 577.04 
_________________________Mixed-Out (Station 2M)________________________________ 
C2M = 485.93 CM2M = 112.65 CT2M = 472.69 ALPHA2M = 76.59 
W2M = 132.75 U2M = 542.92 BETA2M = -31.94 DELTA2M = -31.94 
P2M = 336.14 P02M = 781.34 T2M = 432.70 T02M = 547.59 
M2M_ABS = 1.17 RHO2M = 2.71 
_________________________Parasitic Power Losses _______________________________ 
PRD = 0.88 PBF = 1.95 PFC = 0.00 PRC = 0.00 
PRD/PEUL= 0.01 PBF/PEUL= 0.02 PFC/PEUL= 0.00 PRC/PEUL= 0.00 
>>>>>>>>>>>>>>>>>>>>>>>>>>>>>>> 





Rin = 43.936 Rex = 39.500 Bin = 4.511 Bex = 8.000 
Rpin = 35.000 Bpin = 8.000 PHIex = 90.000 LENaxial= 0.000 
Model Option: Reynolds number correlation. 
Cex = 543.66 CMex = 152.13 CTex = 521.94 ALPHAex = 73.75 
Pex = 258.14 P0ex = 768.94 Tex = 403.43 T0ex = 547.59 
Mex = 1.35 RHOex = 2.23 Mass_out= 0.38 BLK = 0.44 
CP = -0.18 LC = 0.03 Re = 465204.03 CF = 0.00 
>>>>>>>>>>>>>>>>>>>>>>>>>>>>>> 
Diffuser #2: Wedge Diffuser 
>>>>>>>>>>>>>>>>>>>>>>>>>>>>>> 
Rle = 39.500 B4 = 7.000 W4 = 11.000 A4 = 847.000 
THETA3 = 0.000 L/W = -0.080 ZD = 11.000 B4/W4 = 1.571 
ALPHABin= 58.889 Rex = 47.500 Bex = 7.000 Wex = 11.000 
THETA3A = 0.000 ThickLE = 0.500 ThickTE = 9.828 Aex/A4 = 1.000 
_________________________Wedge Diffuser Throat__________________________________ 
C4 = 371.80 M4 = 0.85 BLCK4 = 0.17 Incid = 12.69 
P4 = 480.87 P04 = 768.94 Tin = 480.61 T04 = 547.59 
CP24 = 0.44 LC24 = 0.00 
_________________________Wedge Diffuser Exit--No Mixing________________________ 
Cex = 143.84 CMex = 114.62 CTex = 86.90 ALPHAex = 37.17 
Pex = 480.87 P0ex = 513.92 Tex = 537.62 T0ex = 547.59 
Mex = 0.31 RHOex = 3.12 Mass_out= 0.38 
CP45 = 0.00 LC45 = 0.00 CP25 = 0.44 LC25 = 0.50 
_________________________Wedge Diffuser Exit--With Mixing______________________ 
CexM = 104.38 CMexM = 57.83 CTexM = 86.90 ALPHAexM= 56.36 
PexM = 489.21 P0exM = 506.56 TexM = 542.35 T0exM = 547.59 
MexM = 0.23 Mass_out= 0.38 
CP5_5m = 0.25 LC5_5m = 0.22 CP25m = 0.45 LC25m = 0.51 
_________________________Wedge Diffuser Operating Range________________________ 
Flow Choking: NO 
Actual mass flow/Choking mass flow: 0.38 
**************************************************************************** 
* OVERALL STAGE PERFORMANCE SUMMARY * 
**************************************************************************** 
Mass Flow Rate(Kg/s) 0.380 
Volume Flow Rate (m^3/s) 0.310 









-Adiabatic, Total-To-Static 0.621 
-Polytropic, Total-To-Total 0.707 
-Polytropic, Total-To-Static 0.691 
Rotor Efficiency 
-Total-To-Total, without leakage 0.867 
-Total-To-Total, with leakage 0.867 
Efficiency Decrement 
-Inlet duct loss 0.001 
-Impeller total loss 0.133 
*Internal loss 0.042 
*Mixing loss 0.063 
*Recirculation loss 0.019 
*Disk friction loss 0.009 
*Front leakage loss 0.000 
*Rear leakage loss 0.000 
-Diffuser loss sum 0.228 
*Diffuser #1 loss 0.009 
*Diffuser #2 loss 0.219 







-T-T, (H0ex_ise-H00)/(U2^2) 0.572 











TABLE A1. Compal output  
 
 
FIGURE A.1 Mixed flow Compressor Compal out put  
 
FIGURE A.2 Beta Angle distribution through the passage of Mixed flow compressor 





FIGURE A.3 Specific Diameter and Specific Speed analysis chart and calculations  
 



























FIGURE A.6 Turbojet engine in deferent altitudes Cycle analysis output.   




       
    
FIGURE A.7 Turbojet engine in deferent altitudes cycle analysis output. 
 

















A.11 Mixed flow compressor configuration. 
 Thrust EGT COT TIT Ambient COP 
N °C °C °C °C KPa 
62,8 412,5 112,6 568,2 21,8 99,0 
62,7 416,3 113,5 571,0 21,7 99,2 
62,7 418,5 114,3 574,8 21,8 96,8 
62,7 419,7 114,4 577,2 21,7 98,3 
62,7 419,9 114,7 581,4 21,7 98,2 
62,8 420,1 114,7 582,3 21,7 97,6 
62,8 419,5 114,8 588,1 21,7 97,3 
63,2 419,1 114,8 588,6 21,7 98,2 
63,4 417,9 114,5 589,0 21,7 97,5 
63,4 418,5 115,0 595,3 21,7 96,1 
63,6 418,9 115,3 596,5 21,7 97,5 
63,7 417,6 114,8 596,5 21,6 97,0 
63,7 417,0 114,6 599,5 21,7 96,3 
Average 63,1 418,1 114,5 585,3 21,7 97,6 
 
















Baro P Combustor Pressure 
Loss 
Delta BPD 




























































































A 13 experimental results for the turbojet engine 
FIGURE A.1 Mixed flow Compressor Compal out put  
